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Abstract : Ball bearings have been widely used for the spindle motor bearing in various kinds of information storage devices.
Recently many researchers have been trying to replace ball bearings with fluid film bearings because of their superior
NRRO(non-repeatable runout) characteristics. In this study, a numerical analysis has been conducted for the complicate
bearing system composed of herringbone groove journal bearing and spiral groove thrust bearing for the spindle motor of the
information storage device. At first, spindle motor bearing is modeled as journal bearing part and thrust bearing part
separately, and then observed various influences of geometric parameters. Previous studies had considered only the
translational motion of the journal bearing. However, this study takes the additional 2-degree of freedom rotation into
consideration to attempt to describe the real motion of the spindle bearing. As a result, rotational stiffness coefficients and
rotational damping coefficients are obtained. In addition, a spindle bearing system made up of four bearings is modeled and
interpreted at once and coefficients of dynamic characteristics of each bearing are obtained. Finally, an eigen analysis of bearing
system is made with these results. Through this analysis, it is possible to estimate an unstable condition of the system for given
geometric parameters and to propose a method which is able to avoid the unstable condition by a proper adjustment of
geometric parameters.
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Introduction

The storage density of information storage device such as
hard-disk drive can be represented by bits per inch (BPI) and
track per inch (TPI), which have been increased continuously
in the last decade. Storage capacity also has been astonishingly
increased and it seems that it will continue increasing for some
time. Moreover the demand for the information storage device
of high capacity increases without break. It is necessary to
increase rotational speed and TPI to make the information
storage device higher capacity. At present the rotational speed
of the spindle motor for the hard disk drive is already over
10,000 rpm and TPI also exceeds 34,000.

We have used ball bearings in the spindle motor of the hard
disk drive, whose critical defects is the non-repeatable runout
(NRRO) due to the geometric error. The diminution of NRRO
is necessary for the accomplishment of large number of TPI
and high degree of reliability of reading and writing
performance. However, it seems quite difficult to make the ball
bearing of desired specification for the time being owing to the
limits of accurate manufacturing, and making the small bearing
balls for the small size spindle motor is extremely difficult.
Therefore, there have been researches for the method of
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substituting the fluid film bearing for the ball bearing. This
method can diminish the room for bearing in the motor, enable
non-contact rotation, increase damping of the spindle so as to
reduce NRRO, bring enhanced vibration-and-shock-absorbing
ability, and decrease the noise level of the spindle system
especially at high speed region.

Fluid film bearing is generally divided into two groups, one
is to use gas and the other is to use oil. Gas-lubricated fluid
film bearing is free of pollution and goes well with the
environment but it seems difficult to have the stiffness like ball
bearing. On the other hand, oil-lubricated fluid film bearing
has enough stiffness to substitute ball bearing. But plain
journal bearing has inherent instability characteristics at
lightly-loaded condition such as high-speed rotation or vertical
rotation with small eccentricity ratio. To overcome this defect
grooves are processed on the bearing surface so that stable
whirl motion is obtained with non-zero stiffness at concentric
condition. However, oil-lubricated fluid film bearing has some
issues to solve for the adoption to the spindle motor bearing.
For instance, it is difficult to predict characteristics change of
the oil at the small length scale (um) of the design tolerance,
the clearance of bearing, the surface roughness, and the
capillary sealing. Furthermore, journal and thrust bearing
should be fixed up in parallel and perpendicular position, and it
is not easy to generate precise grooves. Proper selection of the
lubricant is also a problem. Besides, high-speed rotation,
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prevention of leakage, repeatable start-stop motion, reliable
life, and adequate stiffness to shock and vibration should be
considered together.

In general, oil-lubricated fluid film bearing for the hard disk
drive spindle is composed of two journal bearings (upper/
lower) and both-sided thrust bearings or top and bottom sided
thrust bearings. Grooves are processed on the bearing surface
to pump oil according to the rotation so that bearings can
support the rotor with generated pressure even at the concentric
condition. And grooves of journal bearing should be properly
adjusted to pump sufficient oil to upper thrust bearing.

In the latter half of 80s, it turned out that NGT was not
suitable for the case of finite number of grooves. So Bonneau
and Absi solved compressible Reynolds equation to get
stiffness and damping coefficients by finite element method
[1]. Kang et al. analyzed dynamic characteristics of oil-
lubricated groove journal bearing for the case of 8 grooves [2],
Qiu et al. studied misalignment effect of hydrodynamic journal
bearing [3].

Zang and Hatch split the spindle bearing into journal and
thrust part, solved separately with the convergence of mass
flow, tried the simplified analysis of whirl characteristics [4,5].
Rahman, Leuthold conducted finite element analysis with full
Sommerfeld boundary condition [6]. Zhu, Ono compared
several kinds of thrust bearings for the spindle motor bearing
[7], Jang and Kim presented how to calculate the dynamic
coefficients of fluid film bearing considering the 5 degree of
freedom motion [8].

At present hard disk drive with hydrodynamic spindle
bearing has come out into the market, but it has been
developed for low noise point of view. Inferring from the
current tendency of high capacity, miniaturization and power
saving, fluid film bearing has room for development.

In this study, a numerical simulation is coded for the spindle
motor bearing composed of two herringbone groove journal
bearings and two spiral groove thrust bearings for HDD. Oil is
used as a lubricant, so the incompressible Reynolds equation is
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Fig. 1. Geometry and coordinate system of the spindle motor
bearing.

r
Wiz dedriizzzzgzzzzzz

Fig. 2. Schematic of Herringbone groove journal bearing with
rectangular-profile grooves and definitions of bearing
parameters (groove depth ratio for concentric position (I'=h,/
h,), groove width ratio (o=l /l), and groove angle (B)).
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Fig. 3. Schematic of spiral groove thrust bearing with
rectangular-profile grooves and definitions of bearing
parameters (groove depth ratio(I'=h/h,), groove width
ratio(oi=w,/(w,+w,)), and spiral angle(p)).

solved. Optimal geometries of bearings are investigated. Figure
1 shows schematic diagram and coordinates of the spindle
motor bearing. Figure 2 shows the geometry of herringbone
groove journal bearing and design parameters.

Actual motion of spindle motor bearing is made up of
translational motions in x, y, z-direction and rotational motions
in 8,, 6,-direction. Rotational motions had not been considered
in previous researches but they are not negligible in practical
run and seem to influence largely on stability of the whole
system. Figure 4 shows 5-degree of freedom motions of
spindle motor bearing.

Whole bearing system can be simulated by gathering the
codes that computes bearing characteristics separately. Design
parameters can be fixed for the spindle motor bearing from the
stored data of coupled dynamic characteristics. So stiffness and
damping coefficients of the spindle motor bearing calculated
with recommendable geometrical parameters of journal and
thrust bearing. Then stability of the spindle bearing is
investigated considering high speed rotation beyond 10,000
rpm.

Integrating the results above, propriety of using herringbone
groove journal and thrust bearing as a spindle motor bearing
for the HDD is examined, and the reliable values can be
suggested for practical design.
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Fig. 4. 5-degree of freedom motion of the spindle motor
bearing.

Analysis of Journal and Thrust Bearing

Governing equation for journal bearing

The pressure distribution in a fluid film bearing can be
computed by the Reynolds equation which is derived from the
Navier-Stokes equations.

8(}1 ap) 8(h_3Qg) [a(uh) a(wh)]_'_
ox\12udx/ 9dz\12poz ox 0z ot

2.1

Where, x and z direction represent the circumferential and
axial direction, respectively.

Since there is no axial motion in steady state, the axial
velocity w is zero, actually. Once above equation is solved with
appropriate boundary conditions we can get the two-
dimensional pressure distribution, flow rates in each direction,
and friction.

Reynolds equation is transformed in cylindrical coordinate
for the analysis of the journal bearing in Eqn. (2.2).

Li(_hs_éﬁ)J, o[k 5 %)

Boundary conditions for this problem are the pressure at
both ends in axial direction is set to be the ambient pressure,
i.e. zero and periodic in circumferential direction. Reynolds
boundary condition is applied to the area in which cavitation
occurs. In mathematical expression,

woh oh
296 or (2.2)

p=p, at z=0,L

p(©) =p(8 +2m) (23
gg =0 a p<p,

Herringbone groove journal bearing has couples of chevron
grooves on journal surface, as shown in Fig. 5. It is convenient
to transform the oblique physical domain to the orthogonal
computational domain. The transformation is done as follows.

for —A<z<0 -A<E<0 2.4)
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Transformation for journal bearing
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Fig. 5. Transformation for HGJB.
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The transformed Reynolds equation is obtained using the
transformation rules as follows.
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Calculation of dynamic coefficients for journal bearing
To obtain dynamic coefficients of the journal bearing,
perturbed pressure due to the small amplitude motion of the
journal bearing is taken by the perturbation method.

When the journal bearing moves with the small amplitude
motion (Ax, Ay, A8, , A8, Ax, Ay, A8, AB,), first-order
expansion of fluid film is as follows.

h = hy+ (Ax+ZA8,)cosO + (Ay - 2'AB,) sin®

? = (Ax+7A8y)cos8' + (Ay — 7/AB,)sin@'

Similarly, the change of pressure distribution in fluid film
for small amplitude motion can be obtained by a first-order
expansion:

= o (Sh) e (55) 0 (55 ) 20 (58 20

(2.8)
(ap) Ax+(ap) Ay+(ap) A8, +(3p) A8,
ox 0y’o 90, 20,
Derivatives will be expressed as follows for convenience.

- a_p) = (?2) = (a_p) _
(P)o = Po (axo Px 35 py ) p;

2.7)
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dp 0 0 Substituting Eqn. (2.7), (2.8) into Eqgn. (2.2) retaining only the
= p. = pg op Do 2.9) ..
y 0 x o y first order terms and separating into O(1), O(Ax), O(Ay),
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6./ = Py, 36,70 = Py, perturbation equations are obtained:
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Bearing reaction forces and moments as well as load F A Ax
carrying capacity can be determined by integrating the * * )
solutions in the bearing area. Fy = {F,}+[K] Ay +[C] Ay 2.12)
Mex - 0 Aex Aex )

My A8, A8,
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where, {F,}, [K], and [C] are load carrying capacity, &1
stiffness and damping matrix, respectively, and they can be )
represented as following:
W o ¢.i n.j

Fig. 6. Transformation for logarithmic spiral groove.
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Transformation of thrust bearing
The suitable transformation of thrust bearing is necessary, since groove goes along with logarithmic spiral.
Logarithmic spiral is expressed as following.

tan 6 me r

r=ree = rge 6 = llog
m r

0
Transformation is conducted into two separate regions as following.
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The transformed Reynolds equation is obtained using the transformation rules as follows.
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Steady-state solution of thrust bearing
To analyze the thrust bearing, the Reynolds equation in polar
coordinate is adopted as following:

i(rh?'a—p) + l—a—(hﬁg) = 6u0)ra—h + 12ura—h

or dr) roé\ 099 00 ot @17)

The boundary condition is specified at the inner and outer
radius as ambient pressure, and periodic conditions for
circumferential direction. And the Reynolds boundary
condition is applied for the cavitation region. These are as
following:

Calculation of dynamic coefficients for thrust bearing
When the thrust bearing wobbles with small amplitude (Az,
A6, AB,, Az, AB,, AB,), the first-order expansion of the
fluid film and the change of pressure distribution are as
following:

h = hy+r(-AB,sin® + A6, cos) + Az

% = r(Ab,sin® + 0,c0s0') + Az

P = po+Azp, + AzZp, + Aexpex + Aeypev + Aex]iex + Aexﬁe)

2.19)

Substituting Eqn. (3.7) into Eqn. (3.5) retaining only the first

p=p, at r=rn,n order terms and separating into O(1), O(Az), (AB,), O(AD,),
p(6) = p(0 + 2m) (2.18) O(Az), O(AB,), and O(AD,), seven perturbed equations are
o obtained:
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Bearing reaction forces and moments as well as load carrying capacity can be determined by integrating the solutions for the

bearing area.
F, Az Az
Mg+ = {Fo} +[K1{A8,»+[C]{ A8,
M, A8, A8,

(2.21)

where, {F,}, [K], and [C] are Yoad carrying capacity, stiffness and damping matrix, respectively, and they can be represented as

following:

FZO —Po
{Fo} = Mg = ” posin®' (rdrd®
My 79| =pycos®’
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Finite difference method
The governing equation is a kind of Poisson equation. There
are couple of solution methods for the elliptic partial
differential equation such as Poisson equation. The most
powerful and simple method is alternating direction implicit
(ADI) method which uses tri-diagonal matrix solver in two
principal directions. And optimization of relaxation factor can
make convergence fast.
The convergence error is the ratio of absolute sum of
pressure change by iteration to absolute sum of pressure itself.
pier i

z
TP

<107 (2.21)

Analysis of Spindle Motor Bearing

Static and dynamic characteristics of spindle bearing
Analyzed models previously done in Chapter2 and 3 are
integrated to solve the whole spindle bearing system. Spindle
bearing consists of journal bearing #1, #2, thrust bearing #1,
#2, and oil resorviers between bearings, and all parts is
connected by the boundary condition that mass flow through
the boundary is conserved. Oil resorvier is considered as a
plain journal bearing with very larger clearance compared to
the herringbone groove journal bearing.

Boundary condition between journal bearing and oil
reservoir is as following:

3B.D

(qz)jgurnal = (qz)oil reservior

Fig. 7. Gap and pressure profiles of the spindle motor bearing.

Boundary condition between thrust bearing and oil reservoir
is as following:

(qr)thrust = (qz)oil reservior (32)

Axial and radial flow are obtained from the flow equation.

n dp
__h op 33
= nar 33
3
h” op
= I op 34
%= 2u0: G4

Substituting Eqn. (3.3) and (3.4) into Eqn. (3.1) and (3.2),
boundaries between journal bearing, thrust bearing and oil
resorviers are included in calculation.

Fig. 7 shows the gap and pressure profiles of the spindle
motor bearing as a whole.

Eigen analysis of system
Considering translational motion in x,y-direction and rotational
motion in 6,, 6-direction, the linearized dynamic equation of
journal is as Eqn. (2.12).

Assuming that no external force is applied to the system
with the steady-state conditions, Eqn. (2.12) will be recast as
following:

MO0 0 0N\[AF) [Cu Cxy Cus, Cio))[Ax
0 MO 0|la| €y €y Cy, Cig || Ay
0 0 Ixx 0 ||Ab, Cox Co, Cq o, Coo ||ABx
0 0 0 Iyy A8, Cox Coy Cop Co o, Aey
K, K, Ko Ki)(Ax 0
Ky Ky, Ky Ky ||Ay 0
Kox Koy Kop, Kog, || 2 0
Ko« Koy Koo, Keop, Ay 0

Considering translational motion in z-direction and
rotational motion in 6,, 6,-direction, the linearized dynamic
equation of thrust bearing is as Eqn. (2.21)

Assuming that no external force is applied to the system
with the steady-state conditions, Eqn. (2.21) will be recast as
following:
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Fig. 8. Comparison of the natural frequencies for the effect of eccentricity ratio (¢).
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Eigen analysis is conducted to investigate the stability of the
spindle bearing system. For the sake of computational

Two of Eqn. (3.5) are for journal bearings and two of Eqn. purposes, Eqn. (3.7) is written in the first-order vector form as
(3.6) are for thrust bearings are added into one equation as follows:
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Fig. 10 Comparison of the natural frequencies for the effect of
depth ratio (I).
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Eigenvalue is obtained from the matrix , and the imaginary
part of the eigenvalue is natural frequency of the system. When
the system includes the fluid film bearing, the natural
frequency of the system depends on the rotational speed. The
stability of the system can be estimated by Campbell diagram
in which the rotational speed as system input and the natural
frequency as system output are displayed. Generally,
horizontal axis is the rotational speed(RPM), and vertical axis
is the natural frequency in Campbell diagram.

It shows the variations of natural frequency when
eccentricity ratio changes in Fig. 8. There are five natural
frequencies, but only the three natural frequencies show in Fig.
8 (b). Two natural frequencies go with x-axis because they are
nil due to the presence of the bearing damping. After
numbering the natural frequencies, modes of natural
frequencies are investigated by the analysis of eigenvector. The
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Fig. 11. Comparison of the natural frequencies for the effect
of width ratio (o).
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Fig. 12. Comparison of mode ? for the effect of clearance of
thrust bearing.

results are arranged in Table 1.

It refers to a critical speed when the dashed line has an
intersection with natural frequencies. Critical speed depends
not only on the geometry of the bearing but also on the running
condition. It maybe differs what kind of modes crossed with.
In Fig. 8 (a), mode I meets the line (A = ®) around 3500 rpm, it
means a critical speed. Besides, slope of mode I increases
with eccentricity ratio, and goes by the dashed line (A = ) in
Fig. 8 (b), (c). It means that there is a point when mode I may
goes with the dashed line (A = @) in € = 0.5~0.6, so it could be
very unstable regardless of rotational speed. Then it is
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necessary to compare the same mode of natural frequency for
the parametric analysis.

Fig. 9 shows that mode II goes steeper as eccentricity ratio
increases, it means that the whirl ratio of journal bearing
increases. Mode III appears from higher speed and goes
steeper as eccentricity ratio increases. At large eccentricity
ratio, mode III will meets the dashed line (A = ®) to make
another critical speed beyond 12,000 rpm. Besides, mode I
does not change with the variation of eccentricity ratio.

In Fig. 10, it shows that how each mode changes for the
variation of groove depth ratio. Mode III starts at lower rpm
with the increment of groove depth ratio up to I'=1.9, but
after that region, it starts at larger rpm. And inclination is
proportional to the groove depth ratio.

As the groove width ratio increases, mode III starts at higher
rpm in the same shape. On the other hand, mode I and I
change little as shown in Fig. 11. It means that mode III can be
shifted by groove width ratio.

In Fig. 12, only mode I changes with the variation of thrust
bearing clearance. As the clearance increases, stiffness
coefficients and damping coefficients decrease so that natural
frequency diminishes. Critical speed resulted from mode I is
avoidable by adjusting of the clearance on condition that the
load carrying capacity of the thrust bearing is sufficient.

Conclusion

Herringbone groove journal bearing and spiral groove thrust
bearing are modeled separately to analyze the characteristics of
the spindle motor bearing which is composed of these two
bearing. The Reynolds equation is solved for static and
dynamic characteristics with perturbation method. Not only
translational motion but also two degrees of freedom rotational
motion are considered to simulate the actual motion. Several
geometric parameters of journal and thrust bearings are
numerically analyzed to investigate the characteristics of
bearings. Then spindle motor bearing composed of two
herringbone groove journal bearings and two thrust bearings is
modeled as a whole and solved numerically. Bearing instability
can be estimated through the eigen analysis and can be
possible to avoid by the adjusting geometric parameters and
operating conditions.
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